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Abstract: To reduce the friction loss and the piston-knocking noise from the perspective of the design
of the cylinder bore profile, the piston-ring cylinder bore (PRCB) dynamic model of an L6 diesel
engine was developed using AVL-Excite-Piston & Rings. Based on the full-scale test method, the
effects of bore taper, starting height of tapered profile, and ellipticity on the friction power and
knocking energy of the PRCB system were investigated, and the optimization of the design of the
bore profile was carried out with the objectives of minimizing the system’s friction power and the
peak knocking kinetic energy. The results showed that the taper of the cylinder bore has the greatest
influence on the system’s friction power and the peak knocking kinetic energy, followed by the
starting height of the conical profile. For the peak knocking kinetic energy of the piston, there was an
obvious interaction between the taper and the starting height of the conical profile. When the taper
was 35 µm and 45 µm, the peak knocking kinetic energy showed a decreasing and then increasing
trend with the increase in the starting height of the profile, and when the taper was 55 µm the peak
knocking kinetic energy monotonically was decreased with the increase in the starting height of the
conical profile. The optimization results showed that the system’s friction power was decreased by
15.05% and the peak knocking kinetic energy was decreased by 21.41% for a taper degree of 55 µm, a
tapered profile starting height of 31 mm, and an ellipticity of 50 µm compared to the initial cylindrical
cylinder bore.

Keywords: diesel engine; piston-ring cylinder bore; cylinder hole profile; friction power; knocking
kinetic energy

1. Introduction

With the enhancement of diesel engines, the thermal and mechanical load of their
cylinder bore has increased accordingly, and the deformation of the cylinder bore has
also increased [1–3]. Studies [4,5] have shown that an increase in the degree of irregular
cylinder-bore deformation would lead to an increase in friction loss between the piston and
cylinder bore. The friction between the piston assembly and cylinder bore accounts for half
of the total friction loss of the engine [6,7]. Research has shown that for every 10% increase
in engine friction loss, fuel consumption would increase by 3% to 5%, and the engine’s
effective output power would also decrease accordingly. The irregular deformation of the
cylinder bore will lead to an increase in cylinder clearance, which will cause an increase in
piston-knocking noise [8,9]. Therefore, rationalizing the design of the cylinder bore pattern,
reducing the friction power and the peak knocking kinetic energy of the PRCB system, is
of great significance to improving the economy and NVH performance of diesel engines.
Most scholars have chosen to optimize the piston structure [10–12] and rationally design
the surface texture of the friction pair [13–15] to reduce the friction loss and the knocking
kinetic energy of the PRCB. Few scholars have improved the friction and lubrication
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characteristics and knocking characteristics of the PRCB system by rationally designing
the macrostructure of the cylinder bore. At present, from the perspective of designing
the cylinder bore profile, the use of a non-cylindrical cylinder liner design in the cold
state has become another effective method to improve the friction performance of the ring
group-cylinder liner system.

The average friction-effective pressure of the piston was reduced [16,17] by expanding
the bottom diameter of the cylinder bore of the gasoline engine through the honing process
in the experimental test. Numerical calculations were utilized in the literature to compare
the deformation of the conical and elliptical cross-section cylinder liner with that of the
traditional cylindrical cylinder liner of a certain gasoline engine, and it was found [18,19]
that the radial deformation of the elliptical–cone combination cylinder liner was reduced
by 70%~80% under the thermal load condition. Alshwawra et al. [20] studied three initial
bore shapes of a certain gasoline engine—elliptical, conical–elliptical, and reverse free-
form—and found that the reverse free-form bore was closest to a “round” shape at each
height after applying thermal and mechanical loads to the bore, and the oil film contact
area between the piston ring and the cylinder wall was increased, which provided a
new reference for the bore pattern to reduce the friction power of the piston ring group.
Halbhuber et al. [21] compared the cumulative friction power of cylindrical bores under the
consideration of piston cooling conditions and found that the cumulative friction power of
the piston group under cylindrical-tapered compensated bores was 4.4% lower than that
using uncompensated bores.

Due to the complexity and high cost of the reverse free-form process, a tapered
cylindrical bore is used to improve the geometric performance of the gasoline engine in the
cold state, and the tapered bore reduces the friction loss by increasing the distribution of
the oil film in the friction gap; however, too large a gap between the piston and the cylinder
wall can lead to an increase in the piston-knocking noise, while too small a gap can lead to
an increase in the friction power, and the design parameters of the cylinder bore pattern
have different degrees of influence on the friction and knocking performance of the piston.
Moreover, the design parameters of the cylinder bore pattern have different influences
on the piston friction and knocking performance, and there is an interaction between the
parameters. At present, there is little literature on the influence of the design parameters of
the cylinder bore pattern on the piston friction and knocking characteristics, and there is no
systematic design method for the cylinder bore pattern for engineering applications.

Therefore, the influence of the cold design parameters of the cylinder bore pattern on
the friction and knocking energy of the piston-ring cylinder bore system in an L6 diesel
engine was studied. With the objective function of minimizing the friction power and
peak knocking kinetic energy, the parameters of the cylinder bore pattern were optimized,
and the optimal design of the cylinder bore pattern was obtained. This provided some
theoretical guidance for reducing friction loss and reducing piston-knocking noise from the
perspective of cylinder bore design.

2. Numerical Modeling
2.1. The Piston’s Dynamic Modeling

In the motion plane of the diesel engine’s crank-connecting rod mechanism, the forces
on the piston are shown in Figure 1, where Frx and Fry are the normal and tangential forces
of the piston ring on the piston, respectively, Fcx and Fcy are the normal and tangential
forces of the cylinder bore on the piston, respectively, Fp is the force on the piston pin,
Frod is the force of the linkage system at the con rod’s small-end bearing, Fgc is the piston
gravity, Fgas is the gas force, mc is the mass of the piston, Mgc is the gravity-induced piston
moment around the pin axis, Mpc is the friction moment at the piston pin, and β is the
crankshaft angle.

After analyzing the force on the piston, the dynamic equations of the piston in the reciproca-
tion, radial motion, and rotation around the pin were expressed as Equations (1)–(3), respectively.
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Forces in the x-direction:

mc ×
..
xc = Fcx + Frx − Fgcx − Fgas + Fpx − Frodx (1)

Forces in the y-direction:

mc ×
..
yc = Fcy − Fry − Fgcy − Fpy + Frody (2)

Rotation around the pin:

Θc ×
..
wc = Mc + Mr + Mgc + Mpc (3)

where
..
xc and

..
yc are the acceleration of the piston motion in the x-direction and y-direction,

respectively, Fgcx and Fgcy are the component force of piston gravity along the x-direction
and y-direction, respectively, Fpx and Fpy are the load on the piston pin along the x-direction
and the force in the y-direction, respectively, Frodx and Frody are the force of the linkage
system at the con rod’s small-end bearing along the x-direction and the force in the y-
direction, respectively, Θc is the piston’s moment of inertia around the pin,

..
wc is the

angular acceleration, Mc is the moment due to piston–liner contact, and Mr is the moment
due to ring axial and radial force.

During the working process of the diesel engine, the piston not only reciprocates along
the cylinder bore in the height direction, it also includes transverse movement and rotation
around the pin, which has a great influence on the piston’s knocking on the inner wall of
the cylinder bore to produce knocking noise. Therefore, the piston-knocking kinetic energy
was used to measure the degree of piston knocking on the inner wall of the cylinder bore;
the specific formula is given as follows:

E = Ev + Ew =
1
2

mc
.
x2

c +
1
2

Ψ
.

w2
c (4)

where Ev and EW are the kinetic energy of radial motion and rotational kinetic energy
respectively, mc is the mass of the piston,

.
xc is the radial velocity, Ψ is the rotational moment

of inertia, and
.

wc is the rotational angular velocity.
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2.2. The Piston Ring Group Dynamic Model

The force analysis of the piston ring is shown in Figure 2, where mR is the mass of
the piston ring,

..
x is the acceleration of the piston ring in the x-direction, s is the center of

gravity, M is the piston ring cross-section center position, Pabove and Pbelow are the pressure
distributions on the upper and lower surfaces of the piston ring, respectively, Pbehind is the
pressure distribution on the inside of the piston ring, Ffric,ax is the axial friction between the
cylinder bore and piston ring, Fgas,ax is the gas axial force, ξ is the piston ring torsion angle,
Fgas,rad is the gas radial force, Ffric,rad is the radial friction between the moving surface of
the piston ring and the cylinder bore, and Fhydr,ax and Fhydr,rad are the axial and radial
hydrodynamic friction, respectively.
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When the ring is floating (the ring is not in contact with the ring groove), the force equi-
librium equations between the ring and the ring groove and the dynamic force equilibrium
equations can be expressed as follows:

Fcontact = Fmass,x + Ffric,ax + Fgas,ax + Fbend (5)

mring ·
..
xring = ΣF = Fdamp,ax + Ffric,ax + Fgas,ax + Fbend (6)

where Fcontact is the contact force between the piston ring and ring groove, Fmass,x is the
ring’s gravity force in the axial direction, Fbend is the ring’s bending force; mring is the ring’s
mass,

..
xring is the piston ring’s axial acceleration, Fdamp,ax is the axial damping force, and

Ftension is the tangential elasticity of the piston rings.
The piston ring’s radial force equation can be expressed as follows:

Fcontact,rad = Ffric,rad + Fgas,rad + Ftension (7)

The equilibrium equation for the bending moment of the ring section around the form
center M is given as follows:

∑ M = ∑(Fi · hi) + Mpre−twist = Melatic · ξ (8)

where Fi is the radial and axial forces on the piston rings, hi is the distance from each
component force to the center of the piston ring’s cross-section, Mpre-twist is the moment on
the piston ring, and Melatic is the bending moment of the piston ring.
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2.3. Friction Force Modeling

The state of the oil film between the piston ring group/skirt and the bore liner has an
important influence on the dynamics of the PRCB. The pressure distribution of the oil film
can be described by the mean Reynolds equation, which is given as follows:

∂

∂x

(
Φxh3 ∂ph

∂x

)
+

∂

∂y

(
Φyh3 ∂ph

∂y

)
= 6νU

(
∂hT

∂y
+ σ

∂Φs

∂y

)
+ 12ν

∂hT

∂t
(9)

where ph is the oil film pressure, U is the piston movement speed, h is the nominal oil film
thickness, hT is the average value of actual oil film thickness, σ is the combined roughness,
ν is the lubricant power viscosity, Φx and Φy are the pressure flow factors, Φs is the shear
flow factor, and t is the time.

The calculation assumes that the lubricant film is a Newtonian fluid; the variation in
lubricant viscosity with temperature should be described by applying Vogel’s formula:

ν(T) = A × exp(
B

T + C

)
where A, B, and C are the coefficients of the viscosity equation related to the type of diesel
engine, which in this paper take values of 2.4 × 10−5, 1641, and 170, respectively, and T is
the temperature.

During the reciprocating motion of the piston, the oil film’s thickness and pressure
are in a state of dynamic change. When the piston moment reaches a certain level, the
thickness of the oil film decreases rapidly, which leads to the direct contact of the piston
skirt or the piston ring with the micro-convexity on the cylinder bore’s surface, and the
normal pressure of the contact surface at this time is determined by the contact model of
the micro-convexity of the GREENWOOD.

The ratio of the friction pair to the combined roughness of the friction pair is defined
as the minimum film thickness ratio, which is calculated as follows:

Hmin =
hmin

σ
(10)

where hmin is the minimum film thickness, Hmin is the minimum film thickness ratio, and
σ is the combined roughness. An Hmin value of less than 1 indicates boundary lubrication,
and Hmin value of 1 to 4 indicates mixed lubrication, and an Hmin value greater than
4 indicates hydrodynamic lubrication.

The friction between the piston ring group and the inner wall of the cylinder bore can
be derived from Stribeck’s formula:

Ff = Fnµ (11)

where Fn is the force of pressure between the piston/piston ring and the inner wall of the
cylinder bore, and µ is the coefficient of friction.

µ = f(
v

A · v2 + B · |v|+ C
+ D · v) (12)

where f is the overall scaling factor; A, B, C, and D are related to the form of the diesel
engine; and v is the dynamic viscosity coefficient.

2.4. Cylinder Bore Deformation Calculation

Firstly, one-dimensional simulation on the working process of an inline six-cylinder
diesel engine was carried out by AVL BOOST [22], and the main parameters of the engine
were as shown in Table 1. The thermal boundary conditions, such as gas temperature and
convective heat transfer coefficient, were obtained from one-dimensional simulations, as
shown in Figure 3, which shows the variation in the convective heat transfer coefficient
and temperature in the combustion chamber with the crankshaft angle, and it can be seen
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that both of them reach their maximum value near the upper stop (90CA), due to the huge
heat generated by the gas explosion in the cylinder at this time.

Table 1. Main engine parameters.

Parameters Value

Maximum power 235 kW
Maximum moment 1300 N·m

Number of cylinders 6
Diameter of a cylinder 107 mm

Stroke 126 mm
Engine capacity 6.8 L

Compression ratio 19.5
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In the actual working process of the diesel engine, due to the thermal inertia of the
body material, the effect of the heat load of the high-temperature gas on the body is limited
to a thin layer on the surface of the material. The temperature of the vast majority of the
region is approximate to stabilize; that is, the wall surface of the combustion chamber can
be formed without a time-varying steady-state temperature field [23].

The time-averaged convective heat transfer coefficient and temperature of the gas
were applied to the finite element model in the form of a third-type boundary condition.
In the simulation process, the deformation of the cylinder bore is mainly determined
by the inhomogeneous thermal load, and since it is assumed that the thermal load is
steady-state and the fuel of each cylinder is consistent in the calculation process, the radial
deformation of each cylinder due only to the thermal load is roughly the same, but the
deformation of cylinders 2, 3, and 4 is affected by the adjacent two cylinders at the same
time, while cylinders 1 and 6 are affected by only one of the neighboring cylinders; thus,
in a comprehensive view, the deformation of cylinders 1 and 6 is symmetrically similar,
while the deformation of cylinders 2, 3, and 4 is similar, so the calculation process can be
simplified to cylinders 1, 2, and 6 in order to ensure the accuracy of the premise, greatly
reducing the computing time. The deformation of the engine body was calculated in
ABAQUS, and the whole deformation of the engine was as shown in Figure 4. The radial
deformation of the bore surface of cylinder 2 was also extracted as a boundary condition
for the subsequent dynamic calculations.

Figure 5 shows the radial deformation of the cross-section of the inner wall at different
heights in the thermal state of the cylindrical cylinder bore. Since the 0◦ anti-thrust side
(ATS) and 180◦ thrust side (TS) were subjected to thermal loads in addition to piston-
knocking loads, the deformation in the 0◦ and 180◦ directions was larger than that in
the 90◦ and 270◦ directions at different heights, and the overall deformation showed an
“oval shape”. Figure 6 shows the radial deformation of the cylinder bore surface on the
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ATS and TS. Due to the influence of the bolt preload, the deformation at the top of the
cylinder bore is small, and the deformation on the ATS and TS is 49.35 µm and 49.45 µm,
respectively. Due to the large thermal load on the top half of the cylinder bore, the middle
and upper portion of the cylinder bore show more prominent expansion deformation, and
the maximum deformation occurs on the TS, with an amplitude of 122.93 µm; the lower
part of the cylinder bore shows a smaller expansion deformation relative to the upper part,
and the maximum deformation occurs on the TS, with an amplitude of 108.04 µm.
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2.5. The Piston-Ring Cylinder Bore (PRCB) Dynamic Model

The working condition of the engine is complicated; many factors can affect the normal
operation of piston friction pairs. The dynamic model of the piston-ring cylinder bore was
established by AVL Piston & Rings software R2020.1 [24], which can fully account for the
lubrication of the piston group. The modeling process included the following assumptions:
(1) Only the motion of the piston in the plane of the TS and ATS was considered. (2) The
crankshaft speed was even. (3) The piston was considered to be an elastic body; the cylinder
liner, connecting rod, and crankshaft were defined as rigid bodies; and the hinge clearance
was zero.

In the modeling process, the cylinder bore deformation profile obtained from the
cylinder bore deformation calculation was input as the geometric boundary condition of
the calculation.

2.6. Dynamic Model Calibration

The piston leakage is directly affected by the structure of the piston ring group and
the deformation of the cylinder bore’s inner wall. The accuracy of the PRCB dynamic
model established in the previous section was verified by comparing the piston leakage
results in the numerical model with that in the experiment. The test process was as follows:
block all channels of crankcase interaction with the outside world; keep the crankcase
sealing normal (add 0.2 kPa pressure in the crankcase; the amount of air leakage is no
more than 5 L/min), after which the throttle is fully open; adjust the engine speed from
1300 r/min to 2100 r/min and record the average leakage of air at each speed point in the
process. Figure 7 shows the comparison of the average leakage of a single cylinder in a
cycle of the diesel engine (the ratio of total air leakage of the diesel engine to the number of
cylinders) in the experiment and the numerical model. It can be seen that the measured
and simulated values of piston air leakage under each rotational speed were of the same
order of magnitude, and the maximum error was 5.52%, verifying the accuracy of the PRCB
dynamic model.
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2.7. Design of Cylinder Bore Profiles

A comprehensive experimental method was used to study the influence of the bore
pattern parameters on the friction and knocking characteristics of the piston, and the
optimal design of the bore pattern was derived to minimize the friction power of the PRCB
system and minimize the peak knocking kinetic energy.
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A combination of cylindrical taper and elliptical cross-section was adopted for the
cylinder bore’s cold-state profile, as shown in Figure 8, where A is the taper, and the friction
power between the piston and bore was reduced through the optimization of the taper; B
is the starting height of the conical profile, and the second-order movement of the piston
was improved through the optimization of B; C is the degree of ellipticity, and the ellipse of
the difference between the long and short axes of half of the difference between the C is a
positive number indicating the different heights that can be attenuated under the cylinder
bore’s radial deformation to reduce the friction power; and L is the cylinder bore diameter.
Subsequent calculations directly superimposed the cold and hot profiles of the cylinder
bore as boundary conditions for the dynamic calculations.
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3. Effect of Cylindrical-Tapered Cylinder Bore Shape Parameters on Friction
and Knocking

The control variable method was used to analyze the effects of A, B, and C on the piston
friction and knocking characteristics, where the piston friction characteristics were evalu-
ated by the average friction power consumption per cycle, and the knocking characteristics
were evaluated by the peak kinetic energy of the piston knocking per cycle.

The effects of the cylindrical-tapered bore profile parameters taper (A), tapered profile
start height (B), and ellipticity (C) on the piston skirt friction consumption, piston ring
friction consumption, and peak knocking kinetic energy are shown in Figure 9. Overall, the
cylindrical-tapered bore has improved friction and knocking characteristics compared to
the cylindrical bore.

As shown in Figure 9a, at B = 62 mm, C = 40 µm, and peak kinetic energy was
decreased with the increase in taper (A); the skirt friction power was decreased from 232 J
to 216 J, the ring group friction power was decreased from 77.87 J to 69.32 J, and the peak
kinetic energy was decreased from 256.12 N·mm to 191.97 N·mm. Among them, the rate
of decrease in skirt friction power was from fast to slow, while the speed of the decrease
in ring group friction power and peak knocking kinetic energy tended to be constant. All
three decreased because with the increase in taper (A), the thickness of the oil film between
the piston ring’s moving surface bore wall and the piston skirt bore wall increases, the
area of solid–solid contact between the friction partners decreases, and the dry friction
decreases, so the skirt’s friction work and the piston ring’s friction work are both reduced.
At the same time, with the increase in oil film thickness, the viscous shear force of the oil
film also increases, and the rotation speed of the piston’s knocking moment is reduced, so
the peak kinetic energy of the piston knocking is reduced.
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Figure 9. Cylinder bore profile parameters’ effects on the piston friction lubrication characteristics
and knocking characteristics by (a) taper (B = 62 mm, C = 40 µm); (b) starting height of tapered profile
(A = 45 µm, C = 40 µm); and (c) ellipticity (A = 45 µm, B = 62 mm).

As shown in Figure 9b, when B was increased at A = 45 µm and C = 40 µm, the piston
skirt friction power and ring set friction power increased from 215 J to 225 J and from
70.15 J to 74.54 J, respectively. The peak piston-knocking kinetic energy decreased and then
increased with the increase in B, with a minimum value of 202.79 N at B = 41 mm. The
reason for the change in these three parameters is that with the increase in the starting
height (B) of the profile, the range of tapered compensation along the height gradually
decreases, so the piston skirt and the piston ring moving surface and the cylinder wall
in the piston are gradually reduced within a cycle of the average clearance, resulting in
a gradual decrease in the average thickness of the lubricant film, and the friction in the
solid–solid contact area increases, resulting in an increase in dry friction, so the skirt friction
and the friction of the piston ring work increase. The peak knocking kinetic energy is
determined by the piston’s radial speed and rotation speed. The reduction in the skirt’s
oil film thickness makes the oil film pressure increase, and the piston’s radial speed is
weakened, the oil film’s viscous shear force decreases, and the piston’s angular speed
increases, but the piston’s radial speed decreases significantly, so the peak knocking kinetic
energy as B changes from 0 to 41 mm follows a downward trend, and then as B continues to
increase, the angular velocity of the piston’s rotation increases more than the radial velocity
decreases, so the peak knocking kinetic energy shows an upward trend.

As shown in Figure 9c, at A = 45 µm and B = 62 mm, with the increase in C, both the
friction power of the piston skirt and the peak knocking kinetic energy show a decreasing
and then increasing trend, achieving minimum values of 216.74 J and 230.27 N·mm at
C = 40 µm. The friction power of the piston ring group shows a decreasing trend from
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76.25 J to 71.11 J with the increase in C. The reasons for these changes in the three parameters
are as follows: with the increase in ellipticity (C), the second-order deformation amplitude
of the cylinder bore is gradually weakened, and each cross-section of different heights of the
cylinder bore is closer to the “round”, while the lubricating oil film around the piston skirt
and the piston ring is more uniformly distributed, so the friction power consumption of
the piston skirt and the friction power consumption of the piston ring group are gradually
reduced. At the same time, because of the increase in ellipticity (C), the gap between the TS
and ATS of the piston skirt does not change significantly, so the peak value of knocking
kinetic energy does not change significantly.

3.1. Factorial Analysis

The cold-profile parameter factor levels for the cylinder bore under the full-scale test
are shown in Table 2. Three parameters related to the design of the cylinder bore’s cold
profile—namely, taper (A), starting height of tapered profile (B), and ellipticity (C)—were
selected as the test factors, and three levels were taken for each factor. The level sizes were
selected based on the results of the previous calculations.

Table 2. Factor level values of type line parameters under the full-scale test.

Level A/µm B/mm C/µm

1 35 31 30
2 45 41 40
3 55 51 50

The test scheme and calculation results are shown in Table 3. The effects of the
three parameters (A, B, and C) on the piston skirt friction power, the piston ring group
friction power, the total friction power (the sum of the ring group friction power and the
skirt friction power), and the peak knocking kinetic energy were investigated, where Ai,
Bi, and Ci denote the taper, starting height of the tapered profile, and ellipticity at their
corresponding ith-level values, respectively.

Table 3. Full-scale test scenarios and calculations.

Programmatic Skirt Friction
Power/J

Ring Group
Friction Power/J

Total Friction-
Power/J

Peak Knocking Kinetic
Energy/(N·mm)

A1B1C1 215.62 71.86 287.48 219
A1B1C2 215.62 71.36 286.98 220
A1B1C3 215.79 70.89 286.68 220
A1B2C1 216.09 72.98 289.04 212
A1B2C2 216.26 72.42 288.69 212
A1B2C3 216.18 71.95 288.13 212
A1B3C1 217.53 73.37 290.90 219
A1B3C2 217.42 72.75 290.19 219
A1B3C3 217.36 72.25 289.60 219
A2B1C1 214.61 69.83 284.41 205
A2B1C2 214.58 69.33 283.91 205
A2B1C3 214.52 68.88 283.41 205
A2B2C1 215.08 71.45 286.53 202
A2B2C2 215.08 70.95 286.03 202
A2B2C3 215.06 70.48 285.56 203
A2B3C1 215.85 72.19 288.04 204
A2B3C2 215.88 71.63 287.48 204
A2B3C3 215.85 71.12 286.98 204
A3B1C1 214.44 68.00 282.43 203
A3B1C2 214.44 67.56 281.99 203
A3B1C3 214.41 67.11 281.55 203
A3B2C1 214.49 70.06 284.56 199
A3B2C2 214.52 69.56 284.11 200
A3B2C3 214.49 69.12 283.61 200
A3B3C1 215.11 71.15 286.30 198
A3B3C2 215.08 70.59 285.71 198
A3B3C3 215.17 70.12 285.29 198
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3.2. Analysis of Results

The data obtained from the calculations were analyzed using the range method, and
the range results reflected the influence degree of each factor on the calculation results. The
factor with the largest range has the highest influence on the results and is the main factor.
Range is defined as follows:

Range = max
∣∣Ki − Kj

∣∣ (i ̸= j) (13)

where Ki(j)(i(j) = 1, 2, 3) is equal to the sum of certain indicators of level i in the sum
column of Table 3, Ki(j) = Ki(j)/s is the arithmetic mean of Ki, and s is the number of
factor levels.

The influencing factors are taper (A), taper start height (B), ellipticity (C), and the
interaction between the three (A × B, A × C, B × C,), and the calculated indices are the
skirt friction power, the piston ring group friction power, the total friction power (the sum
of the friction power of the skirt and the friction power of the ring group), and the peak of
the kinetic energy of the piston knocking. Tables 4 and 5 show the range method tables.

Table 4. Range method of friction characteristics due to a single parameter.

Parameter
Factor Level

Skirt Friction
Power/J Range

Piston Ring
Group Friction

Power/J
Range Total Friction

Power/J Range Peak Knocking
Kinetic Energy/N·mm Range

A1 216.41

1.71

72.22

3.30

288.628

4.69

217

16A2 215.17 70.65 285.8255 203

A3 214.70 68.91 283.9375 200

B1 214.88

1.27

69.41

2.27

284.321

3.51

209

4B2 215.26 71.01 286.2385 204

B3 216.15 71.69 287.8315 207

C1 215.41

0.02

71.21

1.00

286.622

0.97

206

1C2 215.44 70.68 286.1205 207

C3 215.41 70.21 285.6485 207

Table 5. Range method of friction characteristics due to interactions between profile parameters.

Norm Interactions Range

Skirt friction power

A × B 0.56

A × C 0.03

B × C 0.06

Piston ring friction power

A × B 0.86

A × C 0.06

B × C 0.09

Total friction power

A × B 0.38

A × C 0.06

B × C 0.12

Peak knocking kinetic energy (physics)

A × B 11.80

A × C 2.95

B × C 2.95

3.2.1. Effect of Taper (A) with Respect to Different Values of Ellipticity (C)

The influence of taper (A) on the friction and knocking characteristics under different
values of ellipticity (C) is shown in Figure 10. The starting height of the conical profile
(B) remained unchanged at 41 mm, the taper (A) was varied from 35 µm to 55 µm, and
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different colors indicate different values of ellipticity (C). The dotted lines in Figure 10
represent the values corresponding to the cylindrical cylinder bores (not to be repeated
later). For all of the values of C studied in this work, the friction power of the skirt and the
ring group, along with the peak knocking kinetic energy, decreased with the increase in
A. The optimal parameter set was obtained as A = 55 µm, C = 50 µm, and B = 41 mm; as
shown in Figure 10d, under this parameter set, compared to cylindrical cylinder bores, the
friction power of the skirt was reduced by 10.63%, the friction power of the ring group was
reduced by 24.38%, and the peak knocking kinetic energy was reduced by 22.64%.
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Figure 10. Effect of taper (A) on the piston friction lubrication characteristics and knocking charac-
teristics with different values of ellipticity (C): (a) piston skirt friction power; (b) piston ring group
friction power; (c) peak kinetic energy of piston knocking; (d) relative changes brought by the optimal
parameter group (A = 55 mm, C = 50 µm, B = 41 mm).

3.2.2. Effect of Starting Height of Tapered Profile (B) with Respect to Different Values of
Ellipticity (C)

Figure 11 shows the influence of the starting height of the conical profile (B) on the
friction and knocking characteristics under different values of ellipticity (C). The taper (A)
was kept unchanged at 55 µm, and the starting height of the conical profile (B) was varied
from 31 mm to 51 mm. The friction power of the skirt and ring group increased with B
regardless of the C value, and the peak knocking kinetic energy decreased with the increase
in B. The optimal parameter set was obtained as A = 55 µm and C = 50 µm, and the peak
knocking kinetic energy decreased with the increase in B. The optimal parameter set was
obtained as A = 55 µm, C = 50 µm, and B = 31 mm; as shown in Figure 11d, under this
parameter set, compared to cylindrical cylinder bores, the skirt friction power was reduced
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by 10.35%, the ring group friction power was reduced by 23.28%, and the peak knocking
kinetic energy was reduced by 23.30%.
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Figure 11. Effect of starting height of tapered profile (B) on the piston friction lubrication characteris-
tics and knocking characteristics with different values of ellipticity (C): (a) piston skirt friction power;
(b) piston ring group friction power; (c) peak kinetic energy of piston knocking; (d) relative changes
brought by the optimal parameter group (B = 31 mm, C = 50 µm, A = 55 µm).

3.2.3. Effect of Starting Height of Tapered Profile (B) with Respect to Different Values of
Taper (A)

The influence of the starting height of the conical profile (B) on the friction characteris-
tics and knocking characteristics under different values of taper (A) is shown in Figure 12.
The ellipticity (C) remained unchanged at 50 µm, and the starting height of the tapered
profile (B) was varied from 31 µm to 51 µm. The friction power of the skirt and the ring
group increased with B regardless of the value of A. However, this growth rate was de-
creased with increasing B. For the peak knocking kinetic energy, there was an interaction
between A and B. When A was taken as 35 µm and 45 µm, the peak piston-knocking kinetic
energy showed a decreasing and then increasing trend with the increase in B. When the
taper (A) was 55 µm, the peak piston-knocking kinetic energy monotonically decreased
with the increase in B. The optimal parameter set was taken as A = 55 µm, C = 50 µm, and
B = 31 mm. As shown in Figure 12d, under this parameter set, compared to cylindrical
cylinder bores, the friction power of the skirt was reduced by 10.66%, the friction power of
the ring group was reduced by 26.59%, and the peak knocking kinetic energy was reduced
by 21.41%.
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Figure 12. Effect of starting height of tapered profile (B) on the piston friction lubrication characteris-
tics and knocking characteristics with different values of taper (A): (a) piston skirt friction power;
(b) piston ring group friction power; (c) peak kinetic energy of piston knocking; (d) relative changes
brought by the optimal parameter group (A = 55 µm, B = 31 mm, C = 50 µm).

3.3. Comparison between Optimal and Baseline Design

Compared with the peak kinetic energy of the piston knocking, taking the friction
consumption of the piston system as the main consideration, A = 55 µm, B = 31 mm, and
C = 50 µm were selected as the optimized cylinder bore profile parameter combination;
the variation in friction characteristics and knocking characteristics with the crankshaft
rotation angle for the cylindrical bore and optimized cylindrical-tapered bore is shown in
Figure 13.

After profile parameter optimization, the total friction power of the piston group was
reduced by 49.95 J, which mean a decrement of 15.05%. The decrement of friction power was
beneficial for reduced fuel consumption. The peak piston knock kinetic energy was reduced
by 55.35 N·mm, representing a decrement of 21.41%. The reduction in knocking kinetic
energy can reduce the risk of engine cavitation and improve engine NVH performance.

Figure 14 shows the comparison of the minimum film thickness ratio and film pressure
on the friction pair. Only the minimum film thickness ratio of the first is shown in Figure 14b,
since the first compressor ring accounts for the majority of the friction power in the ring
group. Compared with that in the cylindrical bore, the minimum film thickness ratio
between the piston skirt and the piston ring moving surface of the cylindrical-tapered bore
was improved, as shown in Figure 14a, so the latter resulted in a smaller friction power.
The distribution of the oil film pressure on the skirt at the moment of piston knocking is
shown in Figure 14c,d. The peak oil film pressure was smaller in the cylindrical-tapered
bore and the area of the oil-film-bearing area was larger, which effectively absorbed the
kinetic energy of the piston’s second-order motion, so the peak knocking kinetic energy
was reduced in the latter case.
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oil film thickness ratio change for the 1st ring; (c) oil film pressure distribution in the skirt at the
moment of piston knocking (pre-optimization); (d) oil film pressure distribution in the skirt at the
moment of piston knocking (post-optimization).

4. Conclusions

(1) The taper has the greatest effect on the total friction power and the peak piston-
knocking kinetic energy, followed by the starting height of the conical profile, while
the ellipticity has the smallest effect; for the peak piston-knocking kinetic energy,
there was a significant interaction between the taper and the starting height of the
conical profile.

(2) Compared with the cylindrical bore, the optimized skirt friction work of the cylindrical-
tapered bore decreased from 240.24 J to 214.62 J, with a decrease of 10.66%; the piston
ring friction work decreased from 91.5 J to 67.17 J, with a decrease of 26.59%; and the
peak knocking kinetic energy decreased from 258.55 N·mm to 203.2 N·mm, with a
decrease of 21.41%.

(3) Compared with the cylindrical bore, the minimum oil film thickness on the moving
surface of the piston skirt and the piston ring was increased in the cylindrical-tapered
bore, which reduced the contact time of dry friction and increased the contact time
of hydrodynamic friction at the piston-knocking moment. The cylindrical-tapered
bore provided a larger contact area and oil film thickness, which absorbed some of
the energy of the second-order motion of the piston and attenuated the impact.
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